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This study analyzes the system performance of a 50 kW ORC system subject to influence of various
working fluids. A dimensionless “figure of merit” combining the Jakob number, condensing temperature,
and evaporation temperature is proposed for quantitatively screening working fluid as far as thermal
efficiency is concerned. The thermal efficiency normally decreases with the rise of figure of merit, and
the predictive ability of the proposed figure of merit is not only applicable to the present eighteen
working fluids but is also in line with some existing literatures. Analysis of the typical ORC heat
exchangers indicates that the dominant thermal resistance in the shell-and-tube condenser is on the
shell side. Similarly, the dominant resistance is also on the refrigerant side for the plate evaporator.
However, there is a huge difference of thermal resistance amid working fluid and water side in the
preheating zone. Conversely, only a minor difference exists in the evaporation region. The extremely
uneven resistance distribution in the plate heat exchanger can be resolved via an additional preheater
having significant augmentation in the working fluid.

© 2011 Elsevier Ltd. All rights reserved.

1. Introduction

The exploitation of low-grade heat has received growing
interest due to the increased concern over energy shortage and
global warming. There had been a number of new solutions
proposed to generate electricity from the low-temperature heat
sources. Among them, organic Rankine cycle (ORC) is a very
potential candidate and is used in practical industrial applications
such as biomass power, solar power, ocean thermal energy
conversion (OTEC), geothermal power, waste heat recovery power.
The ORC employs the same components in the conventional steam
power plant, but use an organic fluid to extract low-grade thermal
energy to generate electricity. Normally the temperature and
pressure of the organic fluid is much lower than the 600 °C steam,
thereby resulting in a much lower installation cost. The much lower
temperature ORC system can be implemented comparatively
simple with a single-stage expander rather than multi-stage
turbines [1]. Yamamoto et al. [2] indicated that the cycle effi-
ciency of working fluid is increased with the rise of pressure ratio
rises. The authors also found that the R-123 working fluid shows
a greater efficiency than that of water.
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The system performance of ORC is strongly related to the
working fluid. Hence it is essential to carefully select the appro-
priate working fluid. Hung et al. [3] showed that the major physical
property of screening the working fluid includes specific heat,
latent heat and slope of saturation vapor curve. According to the
slope of saturation vapor curve in temperature—entropy diagram as
shown in Fig. 1, the ORC fluid can be classified into (a) isentropic
fluid: the slope of saturation vapor curve is infinite, such as R-11; (b)
dry fluid: the slope of saturation vapor curve is positive, such as R-
113 and benzene; (c) wet fluid: the slope of saturation vapor is
negative, such as water and ammonia. Notice that the wet fluid is
normally inappropriate for ORC system for concerns of entraining
liquid droplet which is prone to damaging the turbine blade. Both
the dry and isentropic fluid can lift the aforementioned severe
disadvantage [4]. In addition, some other criteria for screening the
working fluid are summarized as follows:

(a) The good working fluid should have a low liquid viscosity,
a high liquid thermal conductivity, and a high latent heat of
vaporization. These properties give a smaller system pressure
drop as well as a higher heat transfer capacity.

(b) The good working fluid should have low specific volume. This
property affects the input power and volume flow rate which is
directly related to the cost of turbine [5].
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Nomenclature

power (kW)

mass flow rate (kg/s)

specific volume (m3/kg)

pressure (kPa)

heat transfer rate (kW)

specific enthalpy (kJ/kg)

Jacob number, dimensionless, Ja = ¢pAT/ig,
overall heat transfer coefficient (W/m?K)
heat transfer area (m?)

heat transfer coefficient (W/m?K)
thermal resistance (°C/W)

Nusselt number (hd/k)

friction factor

Re Reynolds number (pud/u)

Pr Prandtl number

g gravitational acceleration (m?/s)

d diameter (m)

u velocity (m/s)

k conductivity (W/mK)
T

N

Ge

~ =~ .
Z®T2CFTOTVSES

temperature (°C)

number of tube row

non-dimensional geometric parameter
Pco corrugation pitch (m)
Bo boiling number

X quality

Greek letters

n efficiency

Nth thermal efficiency
i viscosity (kg/ms)
I’} chevron angle (radian)
) density (kg/m?)
Subscripts

wf working fluid

p pump

t turbine (expander)
1, 2, 3, 4 states in system

id isentropic

H heat source

L heat sink

w water

G gas

f liquid

sat saturated

fg difference between liquid phase and gas phase
wall wall

N row of tube

Eq equivalent

e hydraulic

(c) The operating pressure should be kept as low as possible,
higher operating pressure may lead to higher equipment cost.
The suitable cycle pressure is around 0.1-2.5 MPa [6].

(d) The critical temperature should be higher than the maximum
temperature of cycle. Organic fluid may suffer chemical
decomposition and deterioration at a higher temperature or
pressure [7].

(e) The working fluid should possess non-corrosive, non-toxic,
non-flammable and environmentally friendly features.

The thermal efficiency of a system will vary with operating
conditions. For dry fluid, the optimization of operating condition at
the turbine inlet is saturated vapor. Normally it is not beneficial to
operate at a superheat inlet condition [8]. Operating the turbine at
a superheated state simply increases the condenser loading
without increasing the output work. To improve the system effi-
ciency, an internal heat exchanger (regenerator) is normally
employed for lowering the superheat in the condenser, and
extracting heat out of turbine outlet for preheating the working
fluid in the evaporator [9].

In addition, there are other methods that can improve system
performance, such as system operating optimization [10],

combining feed-water heating [11], incorporating turbine bleeding
[12], and integrating with other system techniques [13,14] etc.

There had been a number studies concerning ORC. Subjects
include modeling for system performance, selection of an
appropriate working fluid, improving system efficiency and
second law efficiency, optimum design [9,10,15—19], and opera-
tional characteristics in supercritical region [9,20,21]. For an ORC
system, heat exchangers (condenser and evaporator) play
essential roles pertaining to system performance. Despite there
were many studies associated with the design and analysis of
ORC system, detailed designs within the heat exchangers were
rarely found. As a result, one of the objectives of this study is to
analyze the thermal resistance within these two heat exchangers
(evaporator and condenser), and discuss possible improvements
of the associated heat exchangers. A model ORC system with
50 kW capacity is used for detailed evaluation. In addition, the
thermal efficiency of the ORC system performance is strongly to
the working fluid. The aforementioned guideline for working
fluid is simply qualitative, another objective of this study is to
develop a “figure of merit” that is proven to be quite effective in
quantitatively selecting the working fluid as far as thermal effi-
ciency is concerned.

T[°C]
T°C]

T[°C]

s [kJ/kg-K]

s [kJ/kg-K]

s [kJ/kg-K]

Fig. 1. The classification of working fluid (a) isentropic fluid; (b) dry fluid; and (c) wet fluid.
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2. System and components modeling

The operating principle of ORC is similar to that of Rankine cycle,
the system consists mainly of a pump, an evaporator, a turbine
(expander) and a condenser as shown in Fig. 2. The pump delivers the
working fluid into the evaporator where the working fluid vaporizes
with supplied heat source. The existing high pressure vapor passes
through the turbine and converts its kinetic energy into work. Finally
the working fluid enters condenser to dissipate heat out of the
working fluid and return to the pump to complete the cycle.

2.1. Calculation of system thermal efficiency

The major working fluids being investigated in this study
include R-123, R-236fa, R-245fa, R-600, and n-Pentane. The basic
properties of the working fluid are listed in Table 1. The analysis
ignores the pressure loss from heat exchangers and piping. Further
details of the mathematical model are given as follows:

Pump:

Wy = ey (P, — Pp)/np (1)
Evaporator:

The heat exchange amid the evaporator is expressed as:

Qu = fiye(is — i) (2)
Expander:
Wi = tinyg (i3 — igja) 0t (3)
i3 —1
N = 1374 (4)
3~ l4,1d

The subscript id denotes idea state.

Condenser:

Working fluid is condensed with heat exchange of cooling water,
and the inlet temperature of cooling water is 30 °C.

The heat transfer rate in the condenser is given by:

Evaporator

AW

Y

Turbine(Expander)

2 | ﬂ:'_,

Condenser

t

Pump

Fig. 2. The schematic diagram of an organic Rankine cycle.

Table 1
The basic characteristics of working fluid [30].
Working fluid R-123 R-236fa R-245fa R-600 n-Pentane
Fluid type Dry fluid Dry fluid Dry fluid Dry fluid Dry fluid
Critical temperature (°C) 183.68 12492 154.01 151.98 196.55
Critical pressure (kPa) 3661.8 3200 3651 3796 3370
Normal boiling 27.823 144 15.14 -0.49 36.06
temperature (°C)
Molecular 152.93 152.04 134.05 58.122 72.149
weight (kg/kmol)
oDP 0.02 0 0 0 0
GWP 77 9810 1030 ~20 ~20
QL = riye(ig — 1) (5)

The thermal efficiency is related to input power, output power

and heat transfer rate.
We— W,
M = —=—— (6)
Qn

The system performance is written using Engineering Equation
Solver (EES). Details of the calculation procedures are outlined as
follows:

1. From the prescribed condensing and evaporation tempera-
tures, the associated physical properties at the condenser
outlet and pump inlet are obtained.

2. The inlet state at the condenser is assumed to be at saturated
vapor, hence the outlet state can be obtained after some iter-
ations to meet the given turbine efficiency.

3. From the states of the operation points, the input evaporation
heat, rejected heat from the condenser, output work, input
work, and the system efficiency are therefore obtained.

2.2. Analysis of heat exchangers

In the present design, a plate heat exchanger (PHE) is incorpo-
rated as the evaporator whereas a shell-and-tube heat exchanger is
used as the condenser. The cold and hot fluid flows alongside the
plate channel counter-currently. Upon the PHE evaporator, both
single-phase sensible heat transfer for preheating and two-phase
evaporation occur. For the condenser, the working fluid flows on
shell side and the cooling water flows on the tube side. For esti-
mating the thermal resistance in these heat exchangers, the
following empirical correlations are used:

2.2.1. Condenser

As seen in Fig. 3, the condenser is a four-pass design. And there
are four tube rows in each path. The vapor entering from the top
portion of the condenser and condenses along the tube bundle. The
single-phase water flows in the tube side, and the heat transfer
coefficient can be estimated from the Gnielinski correlation [22]:

I (Re — 1000)-Pr

Nu=_—2 (7)

1.07 +12.7 g Ps -1

f = (1.58In Re — 3.28) 2 (8)

During the condensation process, the outer wall surface
temperature varies as the condensate film becomes thicker,
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Fig. 3. Schematic of the condenser layout.

leading to a heat transfer deterioration alongside the tube row.
Therefore it is essential to calculate the thermal resistance for
each row.

The condensing heat transfer coefficients on the shell side for
staggered arrangement subject to the influence vapor shear-and-
tube row are taken from the Butterworth correlation [23] and
Eissenberg correlation [24]:

N gdp,i 0.5 0.5

u flfg

Y _0416(1+ (14947, (9)
Rel? < uZke(Tsar — Twau)> ]

’%N — 0.6+ 042N+ (10)

The overall heat transfer coefficient is as follows:

1 1

1
m hwawf + hWAW + Rwall (1 1 )

where hys and hy, represent the heat transfer coefficients on shell-
and-tube side, respectively. Ry, is the tube wall resistance.

2.2.2. Evaporator

The plate heat exchanger is divided into a preheating and an
evaporation region, therefore it is needed to include both single-
and two-phase correlations for analyzing the plate heat exchanger.
For the single-phase heat transfer correlation, the Kim correlation
[25] is used:

0.09
Nu — 0.295Re064pr0-32 (g - 5) (12)

For the two-phase evaporation heat transfer performance, the
correlation developed by Han et al. [26] is adopted:

Nu = Ge;Ref*Bog; Pro4 (13)

where
B Peo —0.041 T 283

Ger —281(72) (39 (14)
B Peo 0082 7 0.61

Ge, — 0.746(D—e) 5-#6) (15)

3. Results and discussion
3.1. Screening of working fluid and derivation of figure of merit

In general, it is improbable to use only one property to screen
out the working fluid. This is because the system efficiency is
affected by many specific thermophysical properties. For further
elaborating the influence of thermophysical properties on the
system performance, calculation is made with eighteen working
fluids using some physical properties suggested from some
researchers, including the critical temperature [9], normal boiling
point [5], latent heat [3], molar mass [27] and specific heat [28]. The
calculation is shown in Fig. 4 and is conducted with evaporation
temperatures of 130 °C and 80 °C at a fixed condensation temper-
ature of 45 °C. Apparently none of the sole physical property can
justify itself as the best indicator as far as the thermal efficiency is
concerned. In fact, appreciable inconsistencies are encountered
when using latent heat, molar mass, or specific heat. In the
meantime, though the critical temperature or the normal boiling
point gives a fair screening with a rising tendency of thermal effi-
ciency. However, some evident fluctuation exists amid the exam-
ined working fluids, suggesting insufficient ability of these two
properties to screen out the working fluids. In summary of the
foregoing discussion, it is therefore concluded that no single
physical property can be used as the sole indicator for quantita-
tively screening the working fluid.

For typical ORC operation, the heat input into the evaporator
includes sensible heat and latent heat. In this study, we find that the
Jacob number, charactering as the ratio of the sensible heat transfer
and the latent heat of evaporation, defined asja = cpAT/ig, playsan
essential role to discriminate the thermal efficiency amid various
working fluids. Notice that ¢, represents the average specific heat
evaluated from the mathematical mean of the condensing and
evaporating temperature, AT is the temperature difference between
evaporation and condensation, whereas iy denotes the latent heat of
evaporation temperature. For different working fluids operated at
the same condensing and evaporation temperatures, as shown in
Fig.5(a), itis found that a lower value of Ja results in a higher thermal
efficiency, and this indicator can be used as a screening parameter
amid different working fluids. The tendency prevails pertaining to
various condensing temperatures (Fig. 5(b)) and evaporation
temperatures (Fig. 5(c)). However, it should be emphasized that the
Ja number can only be used as a screening indicator between
different working fluids, it is not applicable for the same working
fluid operated at different condensing or evaporating temperatures.
To tailor this inconsistency, a modified dimensionless “figure of
merit” is proposed in the following

0.8
Figure of Merit (FOM) = Ja®! (@) (16)
Tevap
Fig. 5(d) shows the thermal efficiency subject to various
condensing temperatures and evaporation temperatures with the
proposed FOM. It can be seen that the thermal efficiency decreases
consecutively with the proposed FOM for all the eighteen working
fluids. For further substantiating the proposed FOM as the
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Fig. 4. Influence of physical properties on the thermal efficiency (a) critical temperature; (b) normal boiling point; (c) latent heat at evaporation temperature; (d) molar mass; and

(e) specific heat.

quantitatively screening parameter, the proposed FOM is also
compared with some existing literatures [5,9]. Fig. 6 shows excel-
lent agreements between the calculated results from [5,9] vs. the
proposed FOM. In essence, the proposed FOM can be used to
discriminate the working fluids based on the thermal efficiency.

3.2. The system performance of the 50 kW system

Fig. 7 shows the comparison in terms of the thermal efficiency
amid R-123, R-236fa, R-245fa, R-600 and n-Pentane for a 50 kW
ORC system. The calculation is conducted with a corresponding
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temperatures.

evaporation temperature of 108 °C and a condensing temperature
of 45 °C. The pump efficiency is 0.65 and the expander efficiency is
0.7. The cooling water temperature at the condenser inlet is 30 °C
whereas the hot water inlet temperature at the evaporator is
125 °C. The inlet of the expander can be operated at the two-phase
region while the outlet state of the expander is in the saturated
vapor state. In the simulation, the inlet quality of expander varies
with operating condition of working fluid. As seen in Fig. 7, the
system thermal efficiency increases with the evaporation temper-
ature. It is found the highest thermal efficiency is R-123, followed
by n-Pentane, R-245fa, R-600, and R-236fa. Notice that the calcu-
lation is made with a prescribed output of 50 kW. As seen in the
figure, it seems that the thermal efficiency is in line with rise of the
latent heat of vaporization. Hung et al. [3] had investigated eleven
working fluids on the ORC system efficiency, and they found that
three thermophysical properties, namely the slope of the saturation
curve, specific heat, and latent heat, cast major influence on the
thermal efficiency. Among these three properties, Hung et al. [3]

indicated that working fluid with higher latent heat often outper-
forms those with lower latent heat. However, they also reported
some inconsistency, for example R-152a has a comparatively high
latent heat but normally shows the least system efficiency. Analo-
gous inconsistency about the influence of latent heat on system
efficiency was also reported in Tchanche et al.’s survey [5] for
working fluids applicable for low-temperature solar ORC. The
thermal efficiency normally increases with the rise of evaporation
temperature, and it is usually expected that the tendency persists as
the temperature is increased above critical point. This is associated
with the fact that the average high temperature for supplied heat is
higher than the subcritical process [29]. However, in practice,
a significant increase of heat exchanger surface is required for gas
heating in the supercritical region. The supercritical Rankine cycle
involves a heating process without a distinct two-phase region,
thereby resulting in a better thermal match with less irreversibility
[20]. Also, the so-called pinching problem which may occur in ORC
counter-current heat exchanger can be avoided through
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Table 2
The thermal efficiency of variation inlet turbine temperature with different oper-
ating pressures.

T3 (°C) Ps(kPa) hy (kJ/kg) hs (Kj/kg) ha (K]/kg) Whee (KW) Qu (kW) 7

156 3700 263.5 484.5 455.5 24.9 221 11.27
3900 263.7 447.2 424.7 18.14 183.5 9.89
4100 264 442 4203 17.11 178.1 9.61
4300 264.2 439.4 418.1 16.53 175.2 9.44

160 3700 263.5 500.9 469.3 27.6 237.5 11.62
3900 263.7 488.2 458.3 25.6 2245 114
4100 264 463.4 437.8 21.04 199.4 10.55
4300 264.2 452.8 429 19 188.6 10.07

180 3700 263.5 541.4 503.9 334 2779 12.02
3900 263.7 537.7 500.2 332 274 12.11
4100 264 533.7 496.3 32.87 269.8 12.18
4300 264.2 529.3 492.1 3241 265.1 12.22
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supercritical operation [29]. On the downside, the organic fluid is
normally not recommended to operate in the supercritical region
due to the risk of chemical decomposition and corrosion problem.
In the present study, a typical calculation concerning the operation
beyond supercritical region is made for R-245fa (the critical
temperature is 156 °C) and the calculated results are tabulated in
Table 2. Comparing with those ORC being operated at the subcrit-
ical region, the thermal efficiency for supercritical operation is
normally higher than that of the subcritical operation by about
5—10%. And this phenomenon is especially pronounced at a more
elevated temperature. However, at a given expander inlet temper-
ature, elevating the pressure often leads to a drop of system
performance as seen in Table 2. Yet the phenomenon becomes
more severe when the temperature approaches the critical
temperature. This is because the isobar line changes dramatically
near the critical point, and a sharp variation of the corresponding
enthalpy. In the meantime, the efficiency shows a plateau against
the pressure. For example, the thermal efficiency of R-245fa peaks
at a turbine inlet temperature of 156 °C and a pressure of 3700 kPa.
The results can be further made clear from Fig. 8 where the isobar
line varies appreciably when varying the pressure from 3700 kPa to
3800 kPa, leading to a considerable drop of thermal efficiency. By
contrast, with a rise of the turbine inlet temperature to 180 °C, the
thermal efficiency rises slightly with the pressure due to compar-
atively small variation of isenthalpic line.

200 T T T . .
Isenthalpic line
P=3700 kPa
— — P=3900 kPa
—— — P=4100kPa
— — — P=4300kPa
150 +
& 100l
-
50
[1]8 ) ) A J
1.00 1.20 140 1.60 1.80 2.00
s [kJ/kg-K]

Fig. 8. The T-S diagram with various turbine inlet pressures.
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Fig. 9. The distribution of thermal resistance for condenser with different working
fluids.

3.3. Analysis of the thermal resistance amid heat exchangers

As mentioned in the condenser design that the condensate film
thickness increases alongside the tube row as condensation takes
place. This eventually leads to a drop of condensation heat transfer
coefficient. Fig. 9 depicts the variation of the tube side and shell side
thermal resistance within the condenser. It appears that the tube
side thermal resistance remains almost unchanged whereas an
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Fig. 10. The thermal resistance for different working fluids in (a) single-phase pre-
heating region; and (b) two-phase evaporation region.

appreciable rise of thermal resistance with the tube row on the
shell side is encountered. And the dominant thermal resistance
occurs at the shell side. The calculated results indicate that the
largest thermal resistance is R-236fa, followed by R-245fa, R-123, R-
600 and the n-Pentane. The thermal resistance for R-123 and R-
245fa is nearly equal. For improving the overall performance, using
enhanced tubes like low fin tubes may be beneficial and is appli-
cable for all the working fluids especially for R-236fa. For example,
for the same operating parameters and capacity, the surface area of
condenser can be reduce as much as 35% for R-245fa refrigerant
provided that the condensing heat transfer coefficient is
augmented by 100%.

Similar estimations of the thermal resistance along the evapo-
rator are also performed as seen in Fig. 10. Heat transfer within the
evaporator for working fluid can be classified as preheating (single-
phase) and convective evaporation (two-phase). For the preheating
region (Fig. 10a), the dominant thermal resistance is clearly on the
refrigerant side. Note that the difference is more than an order of
magnitude, indicating a highly insufficient design for the single-
phase heat transfer of the working fluid. On the other hand, the
difference in thermal resistance amid working fluid in the two-
phase region and water (Fig. 10b) is generally much smaller than
that in the preheating region irrespective of higher thermal resis-
tance still persists in the working fluid side. The results imply a very
difficult situation for effective improvements in the plate heat
exchanger for one needs substantial improvements in the pre-
heating region while only very minor improvements at the two-
phase region are required. This is because it is not practical to
impose a significant difference of the plate geometry from entry to
exit. Hence, a better design is to employ a separate preheater with
a significant augmentation in the refrigerant side. Through this
modification, the original size of the plate heat exchanger can be
appreciably reduced for incorporating two-phase evaporation.

4. Conclusions

This study analyzes the system performance of a 50 kW ORC
system subject to various working fluids. The thermal efficiency of
an ORC system is strongly related to thermophysical properties.
However, there is no single thermophysical property that can be
used as the best indicator for screening the working fluids as far as
thermal efficiency is concerned. The present authors propose
a Jacob number which is termed as the ratio of the sensible heat
transfer and the latent heat of evaporation. The Jacob number can
discriminate the thermal efficiency amid various working fluids.
And the Jacob number can be further combined with the ratio of
condensing temperature and evaporation temperature to form
a “figure of merit” that is proved to be very effective screen the
working fluid at various condensing/evaporation temperatures as
far as thermal efficiency is concerned. The thermal efficiency nor-
mally decreases with the rise of figure of merit. The proposed figure
of merit is not only applicable for the present eighteen working
fluids but is also in line with some existing literatures.

The present study also examines the thermal efficiency subject
to supercritical operation. Depending on the pressure, the thermal
efficiency for supercritical operation is normally higher than that of
subcritical operation by about 5—10%. And this phenomenon
becomes more pronounced at a more elevated temperature.
However, at a given expander inlet temperature, elevating the
pressure often leads to a drop of system performance. Yet the
phenomenon becomes especially severe when the temperature
approaches the critical temperature. This is because the isobar line
changes dramatically near the critical point, and a sharp variation
of the corresponding enthalpy. In the meantime, the thermal effi-
ciency shows a plateau with increasing the pressure.
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For the analysis of the shell-and-tube condenser subject to
operating conditions, the results indicate that the dominant
thermal resistance is always on the shell side. Hence using
enhanced heat transfer tubes such as low finned tubes can effec-
tively improve the overall performance. Similarly, it is found that
the dominant resistance is also on the working fluid side of the
plate evaporator. However, there is a huge difference of thermal
resistance in the preheating zone whereas only a minor difference
exists in the evaporation regime. The result implies a difficult
situation for effective heat transfer augmentation. A better way to
tackle this problem is to use a separate preheater heat exchanger
incorporating significant augmentation in the working fluid side.
With this design, the size of the original plate heat exchanger can
be appreciably reduced.
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